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Hasedeno memoouxy CAD/CAE/CAM nackpiznozo npoexmy-
8AHHA POGOU020 KONECA CEMUCMYNIHUACMOZ0 3A2AUGHO20 HACO-
cy mapxu «ODDESSEzentralasien> — UPP 13-7/6, wo 3acmoco-
8Y€EMbCAL 0J15 NEPeKauy8aHHs CIpUaHoi KUCI0mu 6 2iopomemanypeii.

Hocnioxncennsn npogodunucs 3 memoro niosuwenns KK/ naco-
ca, wo sunyckaemocs Ha 3a600i TOB «<KARLSKRONA LC AB»
(Kazaxcman). Ilposedeno xomn'tomepni po3paxynxu eioueHmpo-
8020 xKoseca 3 8 i 9 nonamxamu na miynicmo 6 CAE cucmemi euujo-
20 piens NASTRAN. Busnaueno énaug Kinvkocmi jonamox 6io-
UeHMpPoB020 KO0JIeCA HA PiGeHb HANPYNCEHb, WO BUHUKAIOMb 6
nepemunax 0namox NOKPUGHo20 i 0CHOBHO20 OUCKIE 8i0UeHmpPO-
6020 Koneca. Maxcumanoie HANPYICEHHSL 8 NEPEMUHAX KOTECA 3
8 nonamamu docsizno piens 319 Mlla i 0na xoneca 3 9 nonamamu
199 Mlla. Byno pozensymo 6naug wucia 10namox Ha OuHamiu-
Hi Xapaxmepucmuxu pomopHozo éany. /[ns ybozo 0yau 3mooeavo-
8aHi POPAXYHK 061 MEXAHTMHI MA KOMN TOMEPHI CXeMU OUHAMIMHO20
PO3PAXYHKY 0Nl BUSHAMEHHS AMNIIMYOHO-HACMOMHUX XAPAK-
mepucmux pomopHozo 6any. Amnaimyou eapmomix Ha uacmo-
max, GUKIUKAHUX NYTbCAUIEI0 PIOUHU HA JIONAMKOSIU vacmomi
400 I'y i 450 I'y, docsiznu snauennsa 1-10* m i 8:10* m eionogiono.
Ha ocnosi pesynomamie xomn'omeprozo mMo0ent08anHs cmamuy-
Hux i QuHamivHux 3a0ay 6yaa po3poodiena moders poto4ozo KoJe-
ca 6iouenmpo6ozo 6azamocmyninuacmozo HAcoca 3 PAUioOHATLHUM
yucaom 8 nonameii nodeiinoi xpususnu. Bubip xinvkocmi nona-
meil 3a00601bHAE Kpumepito MmiyHocmi Koneca, max i Kpumepiio
QUHAMIMHOCTE CUCTEMU 8AL-KOTLECO.

s 6upobruymea npomomuny xoJeca 6ye nposedeHuli ananiz
napamempie mexnonoziunozo npovyecy 3D opyxy no wopcmrocmi
nosepxui 2omosux eupoois. Ha ocnosi ananizy 6yna eubpana mex-
HoJ02is cmepeonimozpadii i nposedeno OpyKyeanHs 6i0UeHMPOBUX
KOJC 01 npo6edeHHss NOOaNbUUX CMEHO0BUX 2i0POOUHAMIMHUX
eunpodyeans 6 ymosax 3aeody. Hasedeni docidxncenns Ha ocHosi
Komn'romephozo mooemosanis CAD/CAE/CAM dozsonstomsv cxo-
pomumu uacoei i mamepianvni eumpamu Ha po3podKy 2eomempii
Kosleca pauionanshoi popmu, wo 3a0060bHAE Kpumepito aK Miy-
HOCmi camoezo KoJeca, max i Kpumepiio 6i6poaxmuenocmi pomop-
HOo20 8ay
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1. Introduction

In industrialized countries, centrifugal pumps of various
designs are used in many industries; their number and unit
capacity are increasing.

The task of designing pumping equipment is complicated
by the fact that until now, a sufficiently rigid relationship
has not been established between almost all the parameters
of the CPs, which are structurally variable, operational
(technical), vibrational, technological, etc. One of the im-
portant parameters is the number of impeller blades and
their optimal choice should be based on hydraulic calcula-
tions, for structural reasons, as well as taking into account
the strength and dynamic characteristics of the wheel [1, 2].

Determination of the number of blades of the working
bodies of the central heating system is based on hydraulic
calculations: if the number of blades is small, the blades are
overloaded (high flow rates, cavitation, etc.), with a large
number of blades, there is a narrowing of the inter-blade

channels and an increase in friction. However, hydraulic
calculations are not related to the dynamic properties of the
rotor, and certainly can not serve as a convincing explana-
tion for the decrease in the strength of the centrifugal wheel
and the dynamic properties of the rotor shaft.

To solve this multicriteria problem, it is productive to
use the CAD/CAE/CAM method of end-to-end design.
Computer simulation of the CAD geometry of the wheel,
calculated on the basis of fluid flow hydraulics, allows the
strength and dynamic characteristics of centrifugal wheels
with a variable number of blades to be determined in the
CAE system.

The final in this cycle of design work is the use of CAM
systems, that is, the possibility of creating a prototype of the
wheel when the image of the product is not completely deter-
mined and the use of expensive equipment for manufacturing
is extremely expensive. Prototypes of centrifugal wheels
allow hydrodynamic tests on stands under production condi-
tions to determine the pressure characteristics of the pump.



The relevance of the work is that the design and im-
provement of centrifugal pumps is an important production
task, the successful solution of which leads to an increase of
performance of this equipment.

2. Literature review and problem statement

In [3], the results of research to determine the influence
of the number of blades on the flow kinematics in the centrif-
ugal wheel of a single-stage pump are presented. It is shown
that wheels with the number of blades 5 and 9 have higher
flow friction inside the channels, and the most optimal is a
wheel with 7 blades. However, there are still unresolved is-
sues related to the strength of the centrifugal wheel and the
increase in its metal content. In [4], the mutual influence of
the number of wheel blades 5, 6, 7 and the number of diffuser
blades 8, 9, 10 was considered. As a result of research based
on numerical modeling, it was found that the case 7+8 has a
minimum wheel oscillation, but the influence of pulsation of
the forces on the rotor - wheel system was not identified, and
this is important, since the dynamic characteristics of the
rotor affect both the efficiency value and the strength of the
shaft as a whole.

The approach of selecting the wheel by strength param-
eters was used in [5], but it was based only on variations in
the speed of rotation of the rotor shaft, but not on the influ-
ence of flow pulsation and the strength of the centrifugal
wheel, which depends on the choice of the number of blades.

In [6], studies of failure processes of engineering units of
a centrifugal pump are presented. The study is based on the
analysis of rotor shaft fatigue using a modified Goodman
test. The authors of the paper [7] gave results on the study of
the influence of the natural frequencies of vibrations of the
centrifugal wheel on the strength of the shaft caused by the
difference in the number of wheel blades and the diffuser.
The work [8] was devoted to calculating the strength of
disks based on the use of a modified method of successive
approximations in displaced Chebyshev polynomials. In [9],
it was found that the destruction of the impellers of pumping
units in the form of cracks and chips in most cases occurs due
to fatigue failure of the metal. The dependence of the fatigue
life of the impeller made of 25L steel on the influence of the
pumped medium was determined.

In all these works, insufficient attention was paid to the
study of the influence of the number of blades, both on the
strength of the wheel itself and on the dynamic characteris-
tics of the rotor shaft. All this suggests that it is advisable to
conduct a study to determine the optimal number of blades
that meet the criteria for the strength of the centrifugal
wheel and the dynamics of the shaft of a multi-stage pump.

3. The aim and objectives of the study

The purpose of the study is to determine the optimal
number of blades of the centrifugal wheel of a submersible
centrifugal pump. This will make it possible to design a cen-
trifugal pump with improved performance indicators, such
as strength, durability and high efficiency.

To achieve this goal, the following objectives were set:

— create a design mechanical scheme for static and dy-
namic calculation of the wheel of a seven-stage centrifugal

pump;

— perform calculations on the strength and ampli-
tude-frequency response of the rotor-wheel system;

—conduct a comparative analysis of the strength and
dynamic characteristics of centrifugal wheels with 8 and 9
blades;

— choose a technology for growing parts in layers and
create a prototype of a centrifugal wheel with an optimal
number of blades.

4. Research materials and methods

The object of the study is the centrifugal wheel of a ver-
tical submersible seven-stage pump for pumping sulfuric acid
into a uranium well.

Input data for pump design:

— Q (feed)=13 meter cubic per hour;

— N (head)=>55 meter;

— N (number of revolutions of the electric mo-
tor)=2850 rpm;

—ig (number of flows)=1;

— iy (number of stages)=7.

At the CAD stage, an automated module to perform
hydrodynamic calculations and profiling the channel of
the wheel and the blade was created in the mathematical
environment of MATLAB. The algorithm for drawing the
profile of the blade includes the determination of its geom-
etry through the Cartesian coordinates, which are specified
as a function of the circumference and radius of the wheel,
defined in cylindrical coordinates.

x,=1,-cos0,; y,=1,-sinb,, 1

where x;, y; — coordinates of the points belonging to the pro-
file of the blade, 7; — corresponding to the coordinate, 0; — the
angle of coverage corresponding to the coordinate.

This created algorithm allows you to accurately draw
the geometry of the designed cylindrical blade in any CAD
system. Fig. 1 presents the user interface windows of an au-
tomated module.
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Fig. 1. Interface of the automated PUMP module (MATLAB)
with calculated data

When designing a centrifugal wheel, the number of
blades is determined by the formula

ZiZG.S'M'SiH%(B1+BZ)’ (2)

ntn

where ry is the radius of the midpoint of the width of the
blade at the inlet, 4 is the radius of the wheel rotor at the
output, By, B — input and output angle of the blade



In the analytical calculation z;=8.5, to create a pump
design with increased performance indicators, the question
of choosing the number of blades between the number 9 and
8 arises.

Fig. 2. 3D model of the designed wheel with double curvature
blades

Fig. 2 shows the 3D model of the designed wheels with
nine blades. The geometry of the impeller with a cylindrical
blade has been optimized by creating a double curvature
blade. The impeller blade of double curvature allows the
stage to work with greater efficiency while maintaining the
pressure in comparison with a cylindrical blade, and the
larger the feed, the more noticeable it is. The choice of opti-
mal velocity ratios and the optimal appropriate form of the
flow part are one of the main ways to significantly improve
the performance of a submersible centrifugal pump stage.

5. Creation of a design mechanical scheme for static and
dynamic calculation

The task of checking the static strength of the wheels in
two versions is to determine the stresses arising under the
action of operational loads. Comparison of stresses arising in
the sections of the wheel, with allowable stresses allows us
to evaluate the performance of the construction. Evaluation
of the strength of the wheel can also be done by comparing
the working frequency of the rotor with the frequency of ro-
tation at which the damage of the disk or a sharp increase in
its size due to the fluidity of the material. The performance
of the disk should be estimated by equivalent stresses, the
determination of which is possible by the numerical finite
element method.

To study the influence of the number of blades on the
strength of the wheel and on the dynamics of the rotor, a
NASTRAN/PATRAN highest level computer-aided design
system was chosen [10, 11].

5. 1. Grid generation

The wheel model was imported from the CAD system,
since the wheel was created as an assembly of elements
(cover disk, main disk and 9 blades), the “Boolean” oper-
ation was used in the PATRAN preprocessor to combine
all parts, so such created computer model corresponds to
the manufacturing technology of the wheel. The mesh was
approximated by eight-node TET structural elements; to
generate a detailed mesh the element size was chosen from
the condition of the smallest size of the wheel wall thick-
ness of 0.001 m.

The dimension of the problem with such a value of the
face of the finite element is 256,000 elements.

Fig. 3 shows the finite element grid of a centrifugal wheel
with 9 blades.

Fig. 3. Finite element wheel model

3. 2. Operating conditions for static analysis

The strength calculation of the impeller of a submers-
ible centrifugal borehole pump includes the calculation
of the blades tension from the action of centrifugal forces
and the calculation of the disks tension from the action of
fluid pressure on the front and rear of the cover and main
disks [12, 13].

The calculation of blades tension is in the determination
of the stress caused by centrifugal force. For blades that have
a constant cross-sectional area, the centrifugal force is found
by the formula [14]:

(#-r)

E. =p-w*F ,
c=P 9

3

where R and 7 are the outer and inner radius of the blade,
respectively, m.

The scheme of application of centripetal forces is shown
in Fig. 4.

Fig. 4. Computational scheme for the static analysis of the
wheel RAS in the plane perpendicular to the axis of rotation

In the process of calculation, the total impact of centrif-
ugal forces arising from the rotation of the wheel and the
influence of fluid pressure on the walls of the disks on the
impeller was taken into account [15, 16].

When modeling the computational scheme, it must be
taken into account that the pressure distribution over the
surfaces of the impeller disks is not constant, but depends
on the form of fluid movement in the sinuses of the stage. In
this case, finding the pressure distribution over the surfaces
of the impeller disks is reduced to solving the problem of



the relative liquid rest in a rotating coordinate system. The
pressure in the gap between the wheel and the casing (on the
front or rear disk) p(r) will be the sum of the pressure at the
wheel outlet p, and the pressure p,(r), due to the action of
centrifugal force on the liquid [17, 18].

For a uniform rotation of the liquid, two mass forces act
on its elementary volume: gravity and centrifugal inertia of
the liquid.

In a centrifugal pump, the angular velocity of the rotor is
so great that gravity can be neglected compared to centrif-
ugal force. Then the differential hydrostatic equation will
have the following form

dp:p(mf~x-dx+mf~y~dy). 4)

From (4) by integration we obtain the law of pressure
distribution, which has a parabolic shape

2

p(r):%r2+C. 5)

The integration constant C is defined from the condition
that the pressure on the radius 7y is equal to the pumping
pressure po, then

2

p(r)=p,+P(r* =17 (©)

In formula (6), the first term is the outlet pressure, the
second term is the pressure due to the action of centrifugal
force on the liquid.

Centrifugal pumps are assembled as multi-stage to in-
crease the pressure. Such a pump is a series of single-stage
pumps, the impellers of which are settled on a common shaft
and are connected in series (Fig. 5).

From (4) by integration we obtain the law of pressure
distribution, which has a parabolic shape.

3p 4p S5p 6p 7p

p 2p
Fig. 5. Pressure distribution in pump stages [19]

In this case, the head created by each wheel is added and
the total head of the injector is equal to the sum of the heads
of the separate stages. According to the pressure distribution
scheme in the pump (Fig. 6), the wheel of the sixth section
is the most loaded.

Taking into account the above, to test the influence of
the number of blades on the strength of the wheel, the sixth
stage of a centrifugal multistage pump was selected. For
strength calculation of the wheel of the sixth stage, the de-
sign scheme is presented in Fig. 7.

The pressure at the inlet Ps and at the outlet Pg was
determined by the formula expressing the dependence of
pressure on the developed pressure:

F=p-g-H, )

i

where P;, H; are pressure and head of i-th stages, respective-
ly, p is the density of the flowing liquid, and g is the acceler-
ation of gravity.
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Fig. 6. Pressure distribution on both sides of the wheel
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Fig. 7. Loading scheme of the centrifugal wheel of
the sixth stage
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The input data for the static calculation are listed in
Table 1.

Table 1
Input data for the static calculation

No. Parameter Value
1 Material steel
2 Modulus of elasticity E 210" Pa
3 Poisson’s ratio 0.3
Swivel hinge with rotation
4 Support 1 about an axis
Swivel hinge with rotation
g Support 2 about an axis
6 Ps — pressure at the inlet of 0.4 MPa
the wheel
7 Ps— pressure at the outlet of 0.56 MPa
the wheel
8 F,— centrifugal force 2419 N
9 Calculation Type Static Solver 120

In the settings of Solver 120, the CASI parameter was
selected, which allows calculating large-size tasks from solid
elements.



6. Calculations of the amplitude-frequency response of
the rotor-wheel system

In order to really simulate the pressure changing over
the surface of the wheel disks, we used the Spatial Field ap-
plication, which describes a data set that changes according
to the real set in the Cartesian or cylindrical coordinate
system. Considering the main modeling condition that the
computer model must be adequate to the wheel’s functioning
conditions, the second term in analytical formula 3 will be
represented through the Spatial Field, which expresses the
dependence of the pressure of the centrifugal forces of the
liquid on the radius of the wheel.

In order not to violate the symmetry of the location of
the support, when creating the boundary conditions for the
displacements of the wheel, RBE2 elements were used [20].

To perform the static calculation, the Solver120 solver
was chosen, the Cassio solver settings allowed to reduce the
calculation time.

6. 1. Operating conditions for dynamic analysis

The CP operation is based on the transfer of mechanical
energy of a liquid during the force action of the blades on it.
During operation, all the parts of the CP are affected by dy-
namic influences of a different nature. A change in the mode
of operation of the central nervous system is accompanied
by a change in load. The determination of dynamic effects
is necessary to consider the issues of strength and forced
oscillations of the rotor of the CP rotor.

In [21], the influence of radial force on the rotor at the
blade frequency was found out

=1z (®)

where £, is the blade frequency, f is the rotation frequency, z
is the number of centrifugal impellers.

The problem of choosing the optimal number of cen-
trifugal impeller blades was solved based on the dynamic
characteristics of the rotor, i.e., the amplitude-frequency
response of the system to the influence of the hydrodynamic
force F, at a frequency of 400 Hz (8 blades), and a frequency
of 450 Hz (9 blades).

The task of determining the AFC of the pump rotor is
reduced to calculating the eigenvalues of the frequencies wy,
the modes of natural vibrations at the corresponding value of
the frequency w, and a further study of the resonant states
of the rotor of the AFC of the CP is studied in the range of
eigenfrequencies of the oscillation of the rotor.

For the given boundary conditions in the FE model, the
eigenfrequencies of the rotor were determined using the
Lanczos method [22]. The data on the first six modes are
shown in Table 2.

Table 2
Data on the first six modes
Results
Rotor Waveform
The form | Frequency of free oscillations Hz
1st form Torsional 200
2nd form Bending 1,300
3rd form Bending 1,393
4th form Torsional 2,089
5th form Bending 3,455
6th form Bending 3,460

Forced vibrations of the CP are convenient to be repre-
sented graphically in the form of AFC for the identification
of which it is necessary to solve the equation

[M]-{g}+[B]{¢}+[C]{a}={F ()}, ©)

where [M], [B], [C] — matrix of masses (inertia), damping

and system rigidity; {G}, {¢}, {¢} — generalized movements

of nodes and their derivatives; (F(t)} —generalized forces [23].
In matrix form, we represent equation (9) as

[m"] [0] .. [o]
0] [»”] .. o]

+

+
Il

[C(n)] {q(n)} {F(”)(t)}

For the mathematical model of forced vibrations repre-
sented by equation (9), the corresponding computer model
will be implemented by entering data, such as the mass of
the rotor [M] with mounted seven wheels, the structural
damping coefficient [B], the system rigidity [C], which de-
pends on the module the elasticity of the steel 40X (40Cr)
material and from the wheel parts cross sections geometry,
the component F(¢) w ill be described by the amplitude, i. e.
the value of the hydrodynamic radial force and the pulsation
frequency of this force equal to 400 Hz and 450 Hz for eight
and nine centrifugal blades, respectively.

The hydrodynamic radial force acting on the CP rotor is
divided into two components: static and dynamic. The static
component of the radial force is a force averaged over time.
The dynamic component of the radial force is caused by the
non-stationary flow in the flowing part of the guide apparatus
and causes pulsations of pressure and fluid velocity [24]. The
direction and magnitude of the radial force are shown in Fig. 8.

AN

Fig. 8. Direction and magnitude of radial forces



The complex nature of the spatial flow in the flow part of
the pump and the viscous properties of the pumped liquid do
not allow to determine an accurate analytical dependence of
the radial force on the feed. Therefore, analytical dependenc-
es of the radial force value on the feed of the CP are obtained
on the basis of experimental data and the adopted simplifica-
tions. The derivation of the analytical formula of radial force
is presented in the paper. For an approximate calculation of
the radial force, one uses the following dependence [25]

F =K, -p-gH Db, 11
where K, — radial force coefficient, (K,=0.36); Dy — outlet
wheel diameter, D»=0.515 meters; b, — outlet wheel width,
by=0.111 meters; p — fluid density, p=1,000 kg per meter
cubic; g — gravity acceleration; H — current head, meters.

Input data and boundary conditions for determining the
effect of the number of centrifugal impeller blades on the
frequency response of the rotor were summarized in Table 3.

Table 3

Input data and boundary conditions for determining the
effect of the number of centrifugal impeller blades

No. Parameter Value

1 Material steel

2 Modulus of elasticity E 210" Pa

3 Poisson’s ratio 0.3

4 Steel density 1,500 kg per m3
Swivel hinge with rotation

> Support 1 about an axis
Swivel hinge with rotation

6 Support 2 about an axis

7 F,— radlalfhydrodynamlc 105N

orce
F,, — radial force from the
8 wheel disbalance 2419N
9 F, — axial force 1.2 kN
. Static Solver 120
10 Calculation Type DynamicSolver122

Fig. 9 shows a finite element model of the rotor with sup-
ports modeled using the RBE2 elements option.

Fig. 9. Finite element model of the rotor

Using the superposition principle, the radial forces act-
ing on each pump stage were modeled as a concentrated force
applied at the center of the rotor shaft.

7. Comparative analysis

The task of testing the static strength of the disk is to de-
termine the stresses arising under the action of operational
loads. Comparison of them with permissible stresses allows
us to evaluate the performance of the construction. In this
setting, the task is the content of the verification calculation
of the strength of the disk. The calculation results for cen-
trifugal wheels with 8 and 9 blades are not shown in Fig. 10.
The maximum stress in a centrifugal wheel with 9 blades
is 6max=199 MPa, and the stress level in the wheel with
8 blades reached 6,,,x=319 MPa.

Fig. 10. Tension diagrams: a — in a wheel with eight blades;
b — in a wheel with nine blades

In addition, the stress distribution image showed the
most dangerous places in the wheel, it is the junction of the
blades and disks, which corresponds to the observation given
in. Fig. 11 shows the adequacy of the computer model of the
physical model of the places of maximum stress concentration.

Since the task of choosing the number of blades is mul-
tifactorial, in order to clarify the effect of this parameter on
the vibratory activity of the rotor shaft, the results of dy-
namic calculation on determining the amplitude-frequency
characteristics of the rotor were analyzed.

As a result of calculating the static strength of the shaft
in the NASTRAN program, equivalent stresses (Fig. 12, a)
and values of static deflections of the shaft (Fig. 12, b) are
obtained.



default_Fringe
Max 1.99+008 @Nd 285360
Min 6.14+004 @Nd 267284

Fig. 11. Concentrations of tension in the wheel:
a — distribution of maximum stresses in the wheel;
b — breakdown of centrifugal wheels

Analysis of the results showed a sufficient safety factor
at maximum feed, according to the diagram c,,,,=34.6 MPa,
85=9,2-10° m the permissible stress for steel [6_]=450 MPa,
the coefficient of safety is 10, 2.

In the frequency range under consideration, one harmon-
ic appears at the lowest frequency equal to 1,330 Hz, and
the fifth eigenfrequency appears at a higher frequency of
3,560 Hz, which can be ignored. The value of the oscillation
amplitude of the rotor is §=2-10 m (Fig. 12, the blue line is
for the node in the center of the rotor).

The resonant states of the rotor of the central oscil-
lator frequency response were studied in the eigenfre-
quency range of the oscillation of the rotor at 4,000 Hz,
the influence of the hydrodynamic force F,at a frequency
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Fig. 12. Static strength of the rotor in the maximum
feed mode: g — equivalent stresses;
b — displacement plot
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When the number of blades of a centrifugal wheel is
eight, the response of the system to the influence of hydrau-
lic force at a blade frequency of 400 Hz is presented in the
AFC diagram in Fig. 14.

Amplitude of the node in the lower part of the rotary shaft
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upper part of the rotary shaft Fig. 15. Prototypes of the
impeller: @ — prototype printed
Fig. 14. AFC of the rotor at a frequency of 400 Hz using FDM technology;
b — prototype printed using SLA
In the diagram above, two harmonics are shown at a technology
frequency of 1,330 and 3,560 Hz, and at the lowest fre-

quency a maximum peak of an amplitude occurs as equal

to 8=1-10"4 m.
Analyzing the influence of the number of blades on the 9. Discussion of computer analysis results
stress state of the wheel, safety factors & were found as fol-
lows: for nine blades £=2.19, for eight blades £=1.4, which are Based on this analysis, we conclude that a wheel with
identified sufficient for the case. eight blades, despite a higher rate of stresses, has a sufficient
margin of safety, and pulsation of hydrodynamic force in the
channels of such a wheel causes a lower amplitude-frequency
8. CAM design, prototype centrifugal wheels creation response, therefore, for the prototype manufacture model
with eight blades is chosen.
When creating a prototype of a centrifugal wheel, close Analysis of the AFC diagrams of the rotor for the blade

to the real model, the primary factor was the selection of 3D frequencies of 400 Hz and 450 Hz allows to choose 8 blade
printing technology by roughness parameter. When choos-  impellers, because the diagram in Fig. 13 has 4 harmonics
ing SLA technology that works with liquid photopolymer  with the largest amplitude of 810~ m, while the diagram
(stereolithography), the author’s data [28], given in Table 3,  in Fig.9 indicates the occurrence of two harmonics with
were taken into account. a maximum amplitude of 110*m (Fig. 12, 13), that is, the
In accordance with the manufacturing technology and  dynamic forces that occur when the 9-blade wheel causes a
the requirements applied to the parts of the centrifugal large vibration activity of the rotor, which leads to a loss of
submersible pump stage, an absolute roughness of up to efficiency and a reduction in the service life of the techno-
0.3 mm is permissible for the inner surfaces of the structural  logical system.
elements. The authors in [26, 27] propose to evaluate the dynamic
An important parameter that determines the quality of  gain coefficients as indicators of vibration activity of the shaft.
the surface is the quality of the original three-dimensional =~ Analyzing the frequency spectra of vibration (Fig. 12, 13),
CAD-model. The virtual model is a 3D surface in the form  we determine the coefficient of dynamic gain at resonance.
of a closed grid of triangles. The surface roughness direct-
ly depends on the quality of the grid. Thus, when using a ¥
low-quality three-dimensional model, macro scale roughness  amplitude of the forced harmonic vibrations & to the static
(Fig. 15, a), indicated in the simulation data file, can appear  displacement 3y by a force equal to the amplitude of the
when building a physical model and give unreliable results of ~ harmonic excitation. The greatest amplitude occurs from a
the quality of the printer or the effectiveness of the selected  disturbance at the blade frequency of 450 Hz 8=8-10% m, ac-
technology. Fig. 15 shows model prototypes printed using  cording to the results of SSS static movement §,=9.29-10~ m,
FDM and SLA technologies [29]. thus, the coefficient of dynamic gain at resonance is equal to
The prototypes of centrifugal wheels make it possible n=8.9. At a frequency of 400 Hz n=1For pumps, the dynamic
to conduct hydrodynamic tests to test the pressure char-  coefficient according to [26] can be in the range of 20...25.
acteristics of the designed wheel, which leads to savings  According to [27] for rotary units, the coefficient n must not
in production costs for the manufacture and equipment, so  exceed 50.
equipment for the manufacture of a centrifugal wheel costs The analysis of the influence of the number of blades on
the company $ 150,000. the rotor vibrational activity showed the advantage of the

The coefficient n=i is determined by the ratio of the



design of a wheel with eight blades, since the amplitude peak
reaches the lowest value for all the investigated frequen-
cy cases.

10. Conclusions

1. The computational mechanical scheme for the static cal-
culation of the sixth wheel of a seven-stage centrifugal pump
was compiled using the NASTRAN program, the boundary
conditions were determined as the pressure values Ps at the
inlet and Pg at the output of the centrifugal wheel. The com-
putational mechanical scheme for the dynamic calculation of
the rotor shaft was compiled using the NASTRAN program,
the boundary conditions were determined as values of the
hydrodynamic force F, and the blade frequencies equal to
400 Hz and 450 Hz.

2. The strength calculations for the centrifugal wheel
with eight and nine blades have been carried out. The
analysis of the results showed the maximum stress in a
centrifugal wheel with nine blades equal to 6,,,=199 MPa,
and the stress rate in the wheel with eight blades reached
omax=319 MPa, and both types of the wheel have a sufficient
strength coefficient. The amplitude-frequency character-

istics of the rotor shaft were determined as follows: at a
frequency of 400 Hz the amplitude of deviation from the
equilibrium state equals to 8=1-104m and at a frequency
of 450 Hz equals to 8=8-10" m. The coefficient of dynamic
strength coefficient at resonance is equal to n=8.9 at a fre-
quency of 450 Hz and n=1at a frequency of 400 Hz.

3. After comparing the parameters of the static calcula-
tion of the centrifugal wheel, it was found that the strength
of both wheels with 8 and 9 blades has acceptable values
of safety margin. Comparison of the amplitude-frequency
response of the rotor shaft, from the influence of the radial
force pulsation in the centrifugal wheel indicates an increase
in dynamic gain when resonating in a variant with a wheel
with 9 blades. That is, the design of the wheel with 9 blades
will lead to greater vibration activity of the shaft, which
means a decrease in the overall efficiency of the pump. Based
on this, when designing the centrifugal wheel, the choice of a
design with 8 blades was made.

4. An analysis on the quality of the surface of printed
parts has been carried out with 3D technologies so that the
preference was given to SLA technology and the surface
roughness of the prototype was identified as equal to 3 pm.
For further hydrodynamic tests, a prototype of a centrifugal
wheel with eight blades has been printed.
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